The capacity control of a vapor-compression refrigeration system is investigated for three different capacity control schemes. In a hot-gas by-pass control scheme, the refrigerant is by-passed from the compressor and injected back into the suction line to decrease the cooling capacity, whereas in cylinder-unloading scheme, one or more cylinders are unloaded to decrease the refrigerant mass flow rate in the system, which decreases the cooling capacity. However, in suction gas throttling, the suction gas throttled at the inlet of the compressor, decreases the refrigerant mass flow rate, and hence a corresponding decrease in the system capacity. 
Introduction
Most of the refrigeration and air-conditioning systems are designed for an expected peak load. It has been explained that the load is not constant and varies with time as in a cold storage of fruit, vegetable, and dairy products ͓1͔. This problem becomes more serious in desert areas like Dhahran where load varies considerably over a 24-h period. During the day, the load is a maximum and it is about three times that of the load at night. In cold storage of fruits, the starting load is a maximum; after achieving the desired condition, only room heat losses must be compensated for to maintain required temperatures. This variation of the load suggests that it is important to implement some of the capacity control schemes to continuously operate these systems.
Several capacity control schemes were examined for refrigeration and air-conditioning applications ͓2-7͔. One of the most commonly used methods in domestic refrigeration and airconditioning systems is intermittent running of the compressor. The disadvantage of this method is that it imposes wear and tear on the compressor. In addition, it is difficult to maintain steady temperatures within suitable limits. Another method of capacity control is to vary the flow of refrigerant through the evaporator. This type of flow control may be achieved either by using variable-speed compressors or by unloading one or more cylinders in a reciprocating compressor. The capacity can also be controlled from outside of the compressor by suction-gas throttling, hot-gas by-pass, etc. It is important to note that researchers are focusing now to simulate the capacity control schemes as closely as possible to the practical systems to study various means for conserving energy. Recently, Klein ͓8͔ and Gordon et al. ͓9͔ have emphasized the development of refrigeration system models that include the finite size of heat exchangers. An attempt is being made in this direction to study the following three capacity control schemes: namely, hot-gas by-pass, cylinder unloading, and suction-gas throttling. In particular, these schemes are investigated by incorporating finite size of evaporator and condenser, in which the following assumptions are considered:
• condenser exit is always saturated liquid; • evaporator exit is always saturated vapor; • effect of superheat in the condenser analysis is neglected; • fluid-capacitance rate for both the condenser and evaporator are constant.
The Hot-Gas By-Pass Scheme
Referring to Fig. 1 , the hot refrigerant gas from the compressor is by-passed and mixed with saturated vapor leaving the evaporator. The quantity of by-pass fraction BF is defined as the ratio of refrigerant by-pass from the compressor to total mass flow rate in the cycle. It is important to emphasize that reduction in evaporator capacity Q evap depends on BF. Also, the percentage reduction in Q evap of the system at part load is not equal to the percentage of BF as explained later in the results and discussion section. Therefore, a value of Q evap is assumed every time with BF, particularly when we consider different part-load condition to obtain evaporator temperature T evap . It can be obtained by considering heat transfer from the refrigerated space where the cooling environment temperature is given by T evap in . This gives
where (Ċ ) evap is the effectiveness-external fluid capacitance rate product for the evaporator. Since state point 5 is a saturated vapor at T evap , the refrigerant properties are known at this point. State point 1 is obtained after mixing the refrigerant at points 5 and 6. Since conditions after compression are not known, a condensing temperature T cond and enthalpy h 6 are assumed. Note that state point 3 is a saturated liquid at T cond ; therefore, the properties are known at this point. Thus, the refrigerant mass flow rate through the evaporator ṁ 5 can be obtained by
The by-pass mass-fraction of hot-refrigerant gas BF from the compressor, as discussed earlier, can be written as
where ṁ 6 is mass of hot-gas by-pass refrigerant, and ṁ 1 is mass of refrigerant through the compressor. On applying energy balance at state point 1, h 1 can be expressed as
and using h 1 , P evap , s 1 and isentropic compressor efficiency comp , h 2 can easily be obtained. Note that h 2 ϭh 6 , since refrigerant is throttled from state points 2 to 6. We now compare the value of h 2 with the previous value of h 6 . If the two values are within the acceptable tolerance, we have the solution for h 2 . The heat transfer in the condenser Q cond can be obtained from the equation
Now convergence for the condenser temperature T cond can be obtained by considering heat transfer from the condenser to condensing environment temperature, which gives
where T cond in is the condensing environment temperature, and (Ċ ) cond is the effectiveness-fluid capacitance rate product for the condenser. On comparing this value of T cond with the previous value of T cond , we check the difference. If the difference is within the allowable tolerance, we have the solution for condensing temperature.
The refrigerant mass flow rate through the compressor ṁ 1 is calculated by using the clearance factor of a compressor CF and the specific volumes of the refrigerant at the inlet and outlet of the compressor 1 and 2 , respectively, to give
where V is the displacement volume and N is the compressor speed in revolution per minute. At a full-load system capacity, ṁ 5 ϭṁ 1 . In this case, Eq. ͑2͒ is used to get ṁ 1 and Eq. ͑7͒ for VN. For a fixed displacement, constant speed compressor, the product VN is constant for all system capacities. It should be noted that this value of VN is used in Eq. ͑7͒ for capacities other than 100 percent of the full-load to obtain ṁ 1 . The next iteration for Q evap can be obtained from the following equations:
On comparing the value of Q evap with the assumed one if the difference is within the tolerance, we get the solution for evaporator capacity. The coefficient of performance ͑COP͒ and the ratio of capacity at part load to full load ͑CR͒ may be expressed as
and CRϭQ evap /Q full load (11)
The Cylinder Unloading Scheme
As discussed earlier, the unloading of one or more cylinders in a reciprocating compressor ͑refer to Fig. 1͒ can control the capacity of a refrigeration system. Yaqub and Zubair ͓6͔ have presented earlier the detail analytical formulation of this scheme. Here, we will describe briefly this scheme with respect to the finite size of evaporator and condenser of the system.
Referring to Fig. 1 and by assuming a capacity of the evaporator at part-load operation, the evaporator temperature T evap can be calculated by using Eq. ͑1͒. Since refrigerant is a saturated vapor at state point 5, the state of refrigerant is known at this point for the known evaporator temperature. It should be noted that due to the linear motion of a piston in an unloaded cylinder, some work is needed to drive the piston, which is transferred as a heat into the suction manifold. In this regard, state point 1 represents condition of the refrigerant after absorbing this friction work into saturated vapor leaving the evaporator. Therefore, enthalpy at the inlet of the suction manifold may be expressed as ͓6͔
where Z is defined as the fraction of full-load work required at the unloaded condition, R is the fraction of cylinders in operation, and ⌬H is the enthalpy increase of refrigerant at full-load condition per unit refrigerant mass flow rate. A condensing temperature T cond is assumed at this stage to obtain the conditions of refrigerant at state points 2 and 3. By using h 1 , P evap , s 1 , and comp , h 2 can be obtained. It should be noted that the capacity of the system is known for full-load condition; thus, the refrigerant mass flow rate and VN can be obtained from Eqs. ͑2͒ and ͑7͒, as explained earlier in the case of hot-gas by-pass scheme. Similar to the bypass scheme, the mass flow of refrigerant at part-load condition is obtained by
The heat transfer in the condenser is given by
In the next iteration, the enthalpy at state 2 is obtained by
On comparing the enthalpy values with the previous one until it converges gives us the solution for heat transfer rate in the condenser. Now, by using Eq. ͑9͒, Q evap is obtained and compared with the previous value. The procedure is repeated until the previous and calculated values are converged. We then calculate the capacity reduction ͑CR͒ by Eq. ͑11͒ and the COP of the cycle by
The Suction-Gas Throttling Scheme
The capacity of a refrigerating system can also be controlled by throttling the gas at the inlet to the compressor; refer to Fig. 1 . During the throttling process, the enthalpy remains constant; i.e.
The suction pressure is reduced by an amount that is characterized by the throttling ratio R T , which is described as This reduction in pressure reduces the refrigerant mass flow rate through the cycle, and hence reduces the system capacity. It should be noted that the procedure for evaluating the system performance is the same as that discussed earlier in the case of the cylinder unloading scheme. The only difference is that Eqs. ͑17͒ and ͑10͒ are used for calculating h 1 and COP, respectively, instead of Eqs. ͑12͒ and ͑16͒, since there is no friction work in the compressor as was in the case of the cylinder-unloading scheme.
Thermodynamic Properties and Computer Program
The computer programs for a finite size of vapor-compression cycle with hot-gas by-pass, cylinder unloading and suction-gas throttling were written to investigate the performance of HFC134a for a range of operating conditions. Thermodynamic properties were obtained from the computer program written earlier by Khan and Zubair ͓10͔, which is originally developed by Kartsounes and Erth ͓11͔ and modified by Fisher and Rice ͓12͔. These programs use an iterative procedure to calculate the condenser and evaporator temperatures to meet the desired cooling load. A flow diagram of the numerical solution technique is given in Fig. 2 for the hot-gas by-pass scheme. A similar procedure was adopted for two other schemes.
The program was validated by comparing the performance results of a refrigeration system described by Stoecker and Jones ͓13͔ with that obtained with the thermodynamic program at fullload capacity. Khan and Zubair ͓14͔ have discussed these results in somewhat more detail. Here we only present the performance curves ͑refer to Fig. 3͒ of the actual system and that obtained with the thermodynamic model. It can be seen that the two curves nearly overlap, indicating the validity of the model.
Results and Discussion
The results for a vapor-compression refrigeration cycle with all three capacity control schemes are shown in Figs. 4-16 . The fluid flow rates through the condenser and evaporator are the same as those considered earlier by Klein ͓8͔ when investigating the effect of finite size of heat exchangers on the overall system performance. In the present study, full-load system capacity is taken as 10.5 kW ͑3 tons͒. The evaporator and condenser fluid capacitance rates (Ċ ) are taken as 0.622 and 0.884 kW/K, respectively. The temperatures T cond in and T evap in are taken as 40 and 0°C, respectively.
The compressor efficiency comp is assumed to be 65 percent. We have used refrigerant HFC-134a for the present study since it does not contain a chlorine atom. In addition, it is also replacing many conventional refrigeration and air-conditioning systems that are currently using CFC-12.
Hot-Gas By-pass Scheme. The results for this scheme are shown in Figs. 4-6. Figure 4 is a plot of CR ͑ratio of the system capacity running at part load to full load͒ versus the percentage by-pass mass fraction of refrigerant. It can be seen from the figure that, as expected, the capacity of the system is not linear. A deviation from the linearity with the by-pass refrigerant is because of change in the evaporator and condenser temperatures with the capacity reduction. It is important to note that the enthalpies in and out from the evaporator changes; in addition, the compressor volumetric efficiency implicit in Eq. ͑7͒ more closely approaches the ideal amount of refrigerant pumped per stroke as the pressure difference between the low and high-side decrease. Thus, the system capacity depends not only on BF, but also to the change in refrigerant enthalpies, compressor volumetric efficiency, and suction density. Therefore, reduction in the system capacity is not exactly the same as BF. For example, a 25-percent reduction in capacity is observed when 30 percent refrigerant is by-passed. Figure 5 is a plot of COP versus percentage of by-pass fraction BF. The curve is a linear line showing that COP is decreasing with the increase in BF. In this scheme, the entire refrigerant does not pass through the evaporator; however, a full amount of refrigerant is passed through the compressor at all times. Hence, capacity decreases with BF, but compressor power does not, and in some cases even more at part load because of superheated vapor Transactions of the ASME entering the compressor. The COP, which is defined as the ratio of the system capacity to the compressor power, decreases not only because of the capacity decrease with BF, but also due to the increase in compressor power. This is why the decrease in COP is more than BF. For example, the figure shows that at 50 percent BF, there is about 57 percent reduction in COP. Figure 6 is a plot of system temperatures in a hot-gas by-pass scheme with BF. In this example, T cond in and T evap in are taken as 40 and 0°C, respectively, at all part-load conditions. It can be seen from the figure that the horizontal lines represent these two temperatures. We note that T evap increases with reduction in the system capacity, which is obvious from Eq. ͑1͒. It should be noted that the refrigerant mass flow rate through the condenser decreases with the by-pass fraction. This reduction in mass flow rate reduces the heat transfer in the condenser, and hence, the condenser temperature T cond ͑refer to Eq. ͑6͒͒. We note that the highest temperature of the cycle, T 2 , is the compressor discharge temperature. Since the compressor inlet temperature T 1 increases with BF, T 2 also increases. The figure shows that T 2 increases very rapidly; it is about 200°C at 50 percent by-pass fraction. It is important to mention that the compressors operating at high discharge temperature result in the reduction of compressor life because of thermal degradation of lubricating oils that are used in the reciprocating compressors. Therefore, this scheme is not analyzed for more than 50 percent BF, i.e., the compressor discharge temperature, T 2 Ͼ200°C.
Cylinder-Unloading Scheme. The simulation results for this scheme are shown in Figs. 7-9. In this investigation, the fraction of work required for an unloaded cylinder Z is taken as 0.00 and 0.20. We note that Zϭ0.00 is an ideal case for which no friction work is required for an unloaded cylinder, whereas Zϭ0.20 is a reasonable value for most of the refrigeration and air-conditioning systems that are operating with this scheme. Figure 7 shows a plot of percentage of full-load system capacity CR, versus the fraction of cylinders in operation R for different values of the mass ratio m a ͑ratio of the refrigerant mass flow rate required at part-load to full-load condition͒. We note that the two quantities decrease with R. For Zϭ0.00, both CR and m a are higher than that for Z ϭ0.20 because of no frictional losses in the system. For example, if 25 percent cylinders are unloaded, the refrigerant mass flow rate through the system is about 83 percent of the full-load value. One would expect that it should be around 75 percent of the full-load condition. This can be explained from the fact that at part-load conditions, T cond decreases due to the reduction in refrigerant mass flow rate, as explained earlier in the case of hot-gas by-pass scheme. It implies that there is a decrease in the P cond , as well. For a constant speed compressor, the refrigerant mass flow increases with reduced capacity because the condenser pressure is lower than the full-load condition. Therefore, the m a , and hence CR, are more than 75 percent, which are about 83 and 87 percent, respectively. Figure 8 is a plot of COP versus the fraction of cylinders in operation. We note that COP increases with the decrease in cylinders in operation R. At part-load condition, compressor power decreases due to unloading of some of the cylinders. On the other hand, friction work tends to increase the compressor work. At lower value of Z, the friction work is relatively negligible, and hence the compressor power is low, which results in an increase in COP with the fraction of cylinder unloading. On the other hand, at high value of Z, frictional work increases and results in an increase of the compressor power that decreases the system COP. It should be noted that in the present study the value of Z is extended beyond Zϭ0.2, to study the behavior of COP for higher values of Z. We note from the figure that as the value of Z increases, it increases the compressor suction temperature T 1 . At some higher value of Z,T 1 is approaching the condenser temperature T cond , which is considered as the limiting value for Z in the present study. This limiting value is found to be Zϭ0.34. We note that for higher value of Z, COP is linear and decreases with number of cylinders in operation. Figure 9 is a plot of system temperatures versus the number of cylinders in operation R, in a cylinder-unloading scheme. The horizontal lines are shown for T cond in and T evap in , similar to the case of hot-gas by-pass scheme. In this figure, T cond and T evap lines are shown for Zϭ0.00 and Zϭ0.34. It is clear from these curves that these two temperatures are not much dependent on Z. We note that the T evap increases with the decrease in R. This is because of the fact that the system capacity decreases and T evap increases ͑refer to Eq. ͑1͒͒; however, the condenser temperature decreases with R, similar to that explained earlier in the case of hot-gas by-pass scheme. The highest temperature of the cycle, T 2 , increases for high values of Z with the decrease in the number of cylinders in operation. This can be explained from the fact that the compressor inlet temperature T 1 increases due to friction, and hence T 2 also increases. However, at low values of Z, the effect of friction is negligible and T 2 decreases because of the decrease in the condenser temperature with R. Suction-Gas Throttling Scheme. The numerical results for this scheme are shown in Figs. 10-12. In Fig. 10 , we present a plot of CR and m a versus the throttling ratio R T . As expected, the Transactions of the ASME refrigerant mass flow rate decreases because of the suction gas throttling, and hence the system capacity. The figure shows that initially there is a significant decrease in both CR and m a , particularly up to R T ϭ2.00; and then it reaches a somewhat asymptotic value for large values of R T . Figure 11 is a plot of COP versus the throttling ratio R T . We note that as expected, COP decreases with R T . The system operating temperatures are plotted in Fig. 12 for this scheme. Again, as explained earlier in the case of other capacity-control schemes, the horizontal lines are shown for T cond in and T evap in . We find that the condenser temperature T cond decreases with R T , since throttling at the inlet of the compressor decreases both suction gas temperature and pressure. This results in a decrease in the condenser pressure as compared to full-load system-capacity. On the other hand, the evaporator temperature T evap increases with the throttling ratio. This is because of the decrease in the system capacity ͑refer to Eq. ͑1͒͒. The figure shows that the highest temperature of the cycle, T 2 , increases with R T . We note that both the condenser pressure and compressor suction pressure decrease with R T , however, the difference of the two pressures is higher when compared with the full-load system capacity. Therefore, one would expect that more work is required at part-load condition and high compressor discharge temperature T 2 , which results in a decrease in system COP with R T .
Comparison of Results.
The simulation results are compared in Figs. 13-16 among the three capacity control schemes that are discussed in the foregoing. Figure 13 shows a comparison of COP versus CR for all the three schemes. For cylinder unloading, results are plotted for Zϭ0.00 ͑ideal case͒ and Zϭ0.20, a reasonable value for most of the refrigeration and air-conditioning systems that are operating with this scheme. As expected, we note that Zϭ0.00 gives the highest COP for any CR. The COP is the highest for the cylinder unloading scheme even for Zϭ0.20 for any CR as compared to the other two schemes. This is because of the fact that the compressor power also decreases by unloading the cylinders with the system capacity. In the two other schemes, however, the refrigerant mass flow rate through the compressor more-or-less remains constant, and decreasing the flow rate through evaporator reduces the capacity. The compressor work is usually higher at part-load condition, and hence the COP decreases. The disadvantage of the cylinder-unloading scheme is that the capacity reduction is restricted to about 25, 50, or 75 percent in a 4n-cylinder compressor. No intermediate percentage of full-load system capacity is available. In a hot-gas by-pass scheme, because of the high compressor-discharge temperatures, capacity reduction is not practical beyond 50 percent, as explained earlier. The COP for this scheme is the lowest for any CR. The suction gas-throttling scheme has COP in between the cylinder- unloading and hot-gas by-pass schemes. Any capacity reduction is possible by this scheme. However, for a higher value of R T , the compressor pressure ratio increases, and thus there is a possibility of increasing the compressor-discharge temperatures considerably. This generally limits the capacity reduction beyond 50 percent. Figure 14 is a plot of evaporating temperature T evap versus capacity reduction CR for all the schemes. We note that the evaporating temperature increases with the decrease in CR; refer to Eq. ͑1͒. For hot-gas by-pass and suction-throttling schemes, the curves are somewhat identical and linear, indicating same variation of T evap with CR for these two schemes. We find, however, for cylinder-unloading scheme, T evap is lower than the other two schemes for any percentage of full-load system capacity. This may be explained by the fact that the decrease in refrigerant mass flow rate through the evaporator is higher, and hence decreases the evaporator temperature to maintain the desired capacity in the case of the cylinder-unloading scheme. Figure 15 is a plot of condenser temperature versus CR for all Transactions of the ASME the schemes. We find that that the condenser temperature decreases linearly with CR for all the schemes. It is the highest for hot-gas by-pass scheme and lowest for suction-gas throttling scheme. This is because of the highest suction-gas temperature in the case of hot-gas by-pass scheme and lowest for the suction-gas throttling scheme. In Fig. 16 , we present a plot of compressordischarge temperature T 2 versus CR for all the schemes. The discharge temperature T 2 is the highest for hot-gas by-pass scheme, as explained earlier. This is, in fact, so high in this scheme that for 60 percent CR, it is almost doubled when compared to the two other schemes. It should be noted that the lowest value of T 2 is observed in the suction-gas throttling scheme.
Concluding Remarks
Three capacity control schemes are studied in somewhat more detail from the performance standpoint for HFC-134a refrigeration systems. For the schemes discussed in this paper, the cylinder-unloading scheme is observed to be the most suitable because of the higher COP in comparison with the other two schemes at any CR. However, the capacity reduction is restricted to about 25, 50, or 75 percent in a 4n-cylinder compressor. On the other hand, the hot-gas by-pass scheme has the lowest COP; its use is normally recommended when very close temperature and humidity controls are required. This scheme is not suitable from the thermodynamic point of view; in addition, a very high compressor discharge temperature restricts the capacity reduction up to around 50 percent. The precise temperature and humidity control may also be achieved by the suction-gas throttling scheme; the COP is in between the other two schemes. The compressor discharge temperature is the lowest; also, a wide range of capacity reduction is possible with this scheme, depending upon the throttling at the inlet to the compressor. These advantages may suggest that this scheme is most suitable for capacity reduction in refrigeration and air-conditioning systems as compared to the two other schemes.
